rotor modal displacement of Z casing structural vibration to the gear rotor dynamics. The system of modal equations is {De} casing modal displacement of (Zc, Zje) solved to predict the resulting vibration at several locations on the test rig. Experimental vibra-(Dr} rotor modal displacement of 9t tion data were measured at several running speeds and were compared to the predictions of F gear force the global dynamic model. There was excellent agreement between the analytical and experimen-{F(t)) external and mass imbalance tal vibration results. excitations {Fc(t)) force acting on casing structure Nomenclature {FG(t)) nonlinear gear forces, through gear {A)
rotor modal displacement of (X, 0z) mesh coupling (Ac) casing modal displacement of (Xc, Xje) (F 3 (t)) shaft bow force noise rig in the 0-to 3-kHz region. Although {B} { (20) these modes are only a small portion of the total {Z} = {Z} J modes of the system, they represent the major {D} portion of the total global vibration of the sysDt} DJ} tem. In order to produce a compatible analytical simulation of the test apparatus, a similar set of modes was predicted by a finite-element model of Experimental Study the gearbox structure. This model serves as the basis for predicting casing vibrations in the overThe gear noise rig (Fig. 2 ) was used to meaall global dynamic model. Of the 25 modes found sure the vibration, dynamic load, and noise of a by the analytical model in the 0-to 3-kHzgeared transmission. The rig features a simple frequency region, the 8 dominant modes were gearbox (Fig. 3) containing a pair of parallel axis used to represent the gearbox dynamic charactergears supported by rolling element bearings. A istics. These simulated modes are shown in 150-kW (200-hp), variable-speed electric motor Fig. 8 . The natural frequencies of the predicted powers the rig at one end, and an eddy-current modes are within 5 percent of the measured dynamometer applies power-absorbing torque at modes (Table 2) . Also, the predicted mode the other end. The test gear parameters are shapes are very similar to the experimental given in Table 1. modes shapes (Fig. 4) . The good correlation of between the analytical model and the measureTwo sets of experiments were performed on ments confirms the accuracy of the dynamic the gearbox; (1) experimental modal analysis and representation of the test gearbox using only a (2) dynamic vibration measurements during oper-limited number of modes. ation. In the experimental modal analysis, modal parameters, such as system natural frequencies
For the dynamic study of the gearbox vibraand their corresponding mode shapes, were obtion, it was found that during a slow roll (lowtained through transfer function measurements speed run) of the gear-rotor assembly, a substanby using a two-channel, dynamic signal analyzer tial residual bow (or eccentricity in the sleeve and modal analysis software. For this experiassembly) exists in the rotor system as shown by ment, 116 nodes were selected on the gearbox its large orbital motion in Fig. 9 . Figure 9(a) represents the orbit of the driver rotor at the spectra at the running speeds of 1500 and gear location, and Fig. 9(b) represents that of the 5500 rpm, respectively. driven rotor. Note that the circular orbit in the driver rotor at low speed represents the residual Figures 6 and 7 compare the predicted meabow deformation of the rotor. The elliptical orbit sured housing vibration spectra in the Y-and Zin the driven rotor is attributed to a combination directions, respectively. The results of the comof the residual bow effects and the vertical gear parison are the same as those presented for the force from the torque of the driving rotor. In housing vibration in the X-direction (Figs. 5(a) order to analytically simulate the influence of this and (b)). Acutal values of the components in the effect, a residual bow of 2 mils (0.05 mm) is spectra were not always in good agreement; howincorporated into the numerical model (Eq. (1)).
ever, the general trends for the predicted and measured housing vibration spectra were very The frequency spectra of the analytically presimilar. Also, as seen in Fig. 7(b) at the dicted casing vibration in the X-, Y-, and Z-1500-rpm speed, the model predicts the second directions are presented in Figs. 5(b), 6(b) , and and third harmonics of the gear-mesh frequency. 7(b), respectively. As seen in Fig. 5(a) , the exAs shown in Fig. 7(a) , the measured vibration perimental casing vibration in the X-direction confirms the presence of these two harmonics at shows a major vibration component at the gearthe 1500-rpm running speed. mesh frequency (28 times shaft speed) at each rotational speed. A closer examination of this excited frequency component shows that two Conclusions major vibration peaks occur at the running speeds of 1500 rpm (at a tooth pass frequency of A newly developed global dynamic model was 700 Hz) and 5500 rpm (at a tooth pass frequency used to simulate the dynamics of a simple of 2560 Hz). These peaks are a result of the transmission system. Predicted casing vibrations tooth pass frequency exciting two of the major were compared to measured results from the gear natural frequencies of the housing, namely the noise test rig at the NASA Lewis Research Cen-658-and 2536-Hz modes. The presence of other ter. The conclusions of this study are summamodes can be seen; however, the 658-and rized as follows: 2536-Hz modes, when excited by the gear-mesh frequency, dominate the spectra.
1. The dynamics of the housing can be accurately modeled with a limited amount of analytiComparing the predicted vibration spectra cally predicted, experimentally verified vibration with the measured spectra reveals that, although modes of the structure. the actual amplitude values did not always agree, the general trends of the spectra were very simi-2. The global dynamic model is capable of lar. The predicted vibration spectra of the housincluding in the analysis the effects of shaft residing in the X-direction is shown in Fig. 5 
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